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Abstract
Presented is a real-time engine brake torque estimation model where the instantaneous measured engine speed serves as
the model input. The model is comprised of notch ﬁlters executed in the crank-angle domain to extract mean engine speed
and the nth frequency component from the instantaneous engine speed signal in real-time. Here n denotes the number of
engine cylinders. Moreover, the engine brake torque estimation is separated into two parts: steady-state and transient. It
will be shown that the nth harmonic (in units of periods per engine cycle) of engine speed and mean engine speed are
sufﬁcient to estimate the engine brake torque. The steady-state portion of the model is developed using orthogonal leastsquares estimation and results in a model with 15 regressors for our particular case. The transient portion is identiﬁed using
a time domain identiﬁcation method. Validation of the engine brake torque model is provided using a computational
engine model for a 6-cylinder heavy duty diesel engine. Transient engine speed and torque conditions in the presence of
sensor noise are evaluated as well as cylinder power imbalance scenarios.
r 2007 Elsevier Ltd. All rights reserved.
Keywords: Torque estimation; Diesel engine; Internal combustion engine; Crank-domain modeling

1. Introduction
For heavy duty applications, manual transmissions have dominated the market over automatic
transmissions due to their reliability and fuel economy. However, one main drawback of a manual
transmission is the driver interaction. Today, advancements in vehicle technologies have enabled the engine
and transmission to be electronically coupled to the chassis thereby improving shift quality and fuel economy.
This work is motivated by a new class of transmissions for heavy duty applications. The automated manual
transmission (AMT) automates the starting and gear shifting process while retaining the high reliability and
efﬁciency of the traditional manual transmission. The goal of the automation process is to complete the shift in
minimal time without causing shift shock. Thus speed and torque coordination between the engine and AMT
is required.
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Nomenclature
Apiston piston surface area (m2)
AMT automated manual transmission
Bd
viscous damping value for the harmonic damper (N m s/rad)
B1yB6 viscous damping for bearing and piston rings (N m s/rad)
ECM engine control module
FRF frequency response function
G1(f) transfer function between Tss and TTrans
H(zy) discrete notch ﬁlter
Hm(zy) cascading discrete notch ﬁlter
IMEP indicated mean effective pressure
Jd
equivalent inertia of the damper housing (kg m2)
Jf
equivalent inertia of the ﬂoating inertia (kg m2)
Jfw
equivalent inertia of the ﬂywheel (kg m2)
Jg
equivalent inertia of the gear-train (kg m2)
Jtot
total inertia including crankshaft and reciprocating assembly (kg m2)
J1yJ6 equivalent inertia of each crank element (kg m2)
Kg
spring stiffness between the damper housing and the gear-train(N m/rad)
Kg1
spring stiffness between the gear-train and ﬁrst element (N m/rad)
K12
spring stiffness between the ﬁrst and second element (N m/rad)
K23
Spring stiffness between the second and third element (N m/rad)
K34
spring stiffness between the third and fourth element (N m/rad)
K45
spring stiffness between the fourth and ﬁfth element (N m/rad)
K56
spring stiffness between the ﬁfth and sixth element (N m/rad)
Kfw
spring stiffness between the sixth element and the ﬂywheel (N m/rad)
Km
notch ﬁlter gain
M
molecular weight of the gas (kmol)
Meq
equivalent mass of reciprocating assembly (kg)
M6
amplitude of the sixth component of the engine speed signal (rpm)
M 06
M6 compensated due to changes in inertia.
M n6
normalization factor for M6 (rpm)
N
mean engine speed (rpm)
N*
normalization factor for engine speed (rpm)
n
number of cylinders
N(n)
symbolic index
N0(n) symbolic index at idle conditions
OEM original equipment manufacturer
Qn
net heat release (J)
RPM revolutions per minute
Tf
torque due to friction and pumping losses (N m)
Tinertia inertial torque (N m)
T im
indicated torque for the mth cylinder (N m)
TL
load torque (N m)
T Estimate
ﬁnal load torque estimate (N m)
Load
T̄ l
average engine load (N m)
T 0m
mass torque for a two lumped mass model (N m)
T rm
reciprocating intertia torque for the mth cylinder (N m)
Trated engine rated torque (N m)
Tss
steady-state torque estimate (N m)
Ttrans transient torque estimate (N m)
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top dead center
cylinder volume (m3)
crank radius (m)
function for the crank-slider mechanism
sampling frequency (periods/engine cycle)
position
function
pﬃﬃﬃﬃﬃﬃﬃ
1
connecting rod length (m)
in-cylinder pressure (Pa)
notch ﬁlter radius
stroke (m)
crank-angle domain Laplace transform
regressors
discrete z-transform variable in the crank-angle domain
regressor coefﬁcients
normalized regressor coefﬁcients
crank rotational speed (rad/s)
cp/cv, speciﬁc heat ratio
ratio a/l
percent change in inertial torque
ﬁring frequency
estimated angular position (rad)
estimated rotational speed (rad/s)
estimated angular acceleration (rad/s2)
angular speed ﬂuctuation (rad/s)
angular speed (rad/s)
angular acceleration (rad/s2)

A gear shift consists of three phases: (1) torque control phase, (2) speed synchronization phase, and
(3) torque tracking phase (Fig. 1) [1].
During the torque control phase, the engine is controlled until zero brake torque is achieved. Once achieved,
the neutral gear is engaged decoupling the engine from the transmission. During the decoupled stage the
engine speed is synchronized to the transmission speed with the proper conversion ratio of the new gear. Once

Fig. 1. Gear shifting phases for an automated manual transmission [1].
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synchronization is complete, the new gear is engaged and the engine torque is set to track the demanded
torque until ultimately giving full control to the driver.
The most signiﬁcant phase in a gear shift is the torque control phase. During this phase, it is essential to
accurately estimate brake torque. For example, if a large torque mismatch exists when the neutral gear is
engaged then the driveline will resonate, which translates to transmission and engine wear, noise, and driver
discomfort [1]. Torque sensors enabling direct measurement of brake torque are available; however, cost and
reliability issues have thus far made this solution impractical.
Estimating brake engine torque is not a trivial task. Variables such as the intake manifold pressure and
temperature, exhaust manifold pressure and temperature, fuel quantity, engine speed, and engine geometry all
have a signiﬁcant impact on engine brake torque. Although these variables can be measured or estimated online, the uncertainty associated with each could be enough to incorrectly estimate brake torque by a large
percentage. There are also other complicating factors that inﬂuence the estimation of brake torque such as
accessory parasitic loads. Accessory parasitic loads are components such as alternators, cooling fans, A/C
compressors, air compressors, oil pumps, water pumps, and power steering pumps. For most original
equipment manufacturers (OEMs), the engine control module (ECM) is calibrated to account for the
accessory loads. In other cases, an engine supplier may have a large variety of accessories to be placed on
the engine producing hundreds of accessory equipment combinations. Universally calibrating the ECM for the
hundreds of accessory combinations is therefore impractical.
1.1. Torque estimation
Perhaps the most common torque estimation method involves look-up tables where the signals used to
generate the tables include mean engine speed, intake and exhaust pressures, start of injection, mass of fuel
injected, and oil temperatures [2–6]. These tables are calibrated in engine test cells and are validated through
in-vehicle tests. Although this method has performed well in the past, it may soon be phased out due to
increase in costs for development, testing, maintenance, and robustness.
Nonlinear torque estimating techniques have been proposed. A sliding mode technique was proposed in [7]
which includes a switching term that accounts for the differences between estimated and measured engine
speed. The dynamics of the crank assembly for [7] are deﬁned as
_  T f ðyÞ
_  T L,
J tot ðyÞy€ ¼ T i ðyÞ  T 0m ðy; yÞ

(1)

where y is the crank-angle, Jtot is the total mass moment of inertia for the crankshaft and reciprocating
assembly, Ti is the combustion torque, TL is the load torque, Tf models the friction and pumping losses, and
Tm0 is the mass torque for a two lumped mass connecting rod model. The estimator was given by
i
1 h
€
_^
^ yÞ
y^ ¼
k  signðSÞ  T 0m ðy;
 TL
(2)
^
J tot ðyÞ
and the sliding manifold S is
_
S ¼ ðy^_  yÞ,

(3)

where ^ denotes an estimated value. The switching term in Eq. (2) is used to account for the difference in
combustion and friction torque. The estimated net engine torque is given by the difference in the switching
term and the mass torque. Similar sliding mode techniques to estimate indicated torque have appeared in
[8–10].
Alternative torque estimation methods have been proposed in [11,12]. In both of these studies a Kalman
ﬁltering approach was taken. In [11], the Kalman ﬁlter is designed based on a ﬁrst principles time-varying
model for the engine dynamics. In [12], comparisons are made between an adaptive Kalman ﬁlter versus a
Luenberger estimator.
The angular velocity signal has been found to be a key measurement due to its convenience, reliability
and based on the physics of the engine process. In the work by [13], discrete Fourier transforms (DFTs)
were employed to show the relationship between the indicated torque and angular velocity. In [14], the
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angular velocity change between two adjacent top dead centers (TDCs) was found to have a linear
relationship with indicated mean effective pressure. This linear relationship was observed for a 601-V6 engine
and a 901-V8 engine. Patents which correlate crankshaft speed ﬂuctuations to engine torque are documented
in [15–19].
In [20], frequency response functions (FRFs) were used to correlate in-cylinder pressure and angular
velocity
PðjOm Þ ¼ HðjOm Þ  V ðjOm Þ,

(4)

where V(jOm) and P(jOm) are the DFT’s of angular velocity and pressure signals and the FRF, H(jOm), is the
DFT of the discrete impulse response function between the two signals. In Eq. (4), the angular velocity
frequency Om was deﬁned as
Om ¼

2 pm
,
fs

(5)

where fs is the number of samples per engine cycle and mAI+/(n+1) is the harmonic component of interest. To
implement this strategy, a family of FRFs were identiﬁed at various operating conditions spanning the engine
operating envelope. To recover the in-cylinder pressure waveform, the instantaneous angular velocity is
measured, the corresponding Fourier transform is calculated, and then convolved with the appropriate FRF.
An inverse Fourier transform is performed on the resulting convolution to recover the in-cylinder pressure
proﬁle pk(y). Once the in-cylinder pressure waveform is reconstructed, the indicated torque, denoted as Ti,
may be recovered using
X
pk ðyÞf k ðyÞ,
(6)
T i ¼ Apiston a
where Apiston, a, pk(y), fk(y) correspond to the piston surface area, crank radius, cylinder pressure for the kth
cylinder, and a function for the crank-slider mechanism geometry, see Eq. (15). In addition to this work, a
load torque estimator was presented which is of the form of Eqs. (1)–(3). Similar to [20,21] uses the same
approach to estimate indicated torque with the distinction that the signals are windowed to 1201 during the
expansion stroke.
Using standard accelerometers, [22] presents an algorithm which uses the engine block acceleration in lieu of
the instantaneous speed signal. Although the basis of the algorithm was derived from the use of DFT’s, it is
proposed that the Fourier transform coefﬁcients of the pre-processed engine block acceleration signal be
stored to avoid on-line DFT calculations, making the algorithm faster. It is shown that there are only two
harmonics of interest, the second and fourth cycle harmonic for a two cylinder engine, hence eliminating the
need for storing numerous coefﬁcients when calculating the DFT of the signal. Block angular acceleration
measurements were also used for purposes of torque estimation in [23]; in addition four metrics were
developed for misﬁre detection.
Two different torque estimation schemes were presented in [24] entitled ‘‘Stochastic Analysis’’ and
‘‘Frequency Analysis’’ (also in US patent [25]). The ﬁrst method consists of using a least-squares approach to
statistically correlated variables. In this study, the regressors included a position function, angular speed
ﬂuctuations, and angular acceleration. In equation form
~_ yÞ.
€
Estimated torque ¼ F ðf y ; y;

(7)

For the ‘‘Frequency Analysis’’ method, the average frequency response, denoted as H3, for the FRFs H1 and
H2 were used as
GTO ðjlf Þ
,
G TT ðjlf Þ
G OO ðjlf Þ
H 2 ðjlf Þ ¼
,
GTO ðjlf Þ
H 1 ðjlf Þ þ H 2 ðjlf Þ
,
H 3 ðjlf Þ ¼
2
H 1 ðjlf Þ ¼

ð8Þ
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where
lf ¼

2n
.
s

(9)

In Eq. (9), lf is the ﬁring frequency, n represents the number of cylinders and s the stroke. In Eq. (8), GTT and
GOO correspond to the auto-spectral densities of indicated torque and angular velocity. Similarly, GTO is the
cross power-spectral density. It was shown by means of coherence functions that the amplitude and phase of
the ﬁrst few harmonics of the engine ﬁring frequency could be used for cylinder pressure reconstruction and
indicated torque estimation. Frequency response approaches were also investigated in [26] to show the
relationship between the instantaneous angular velocity and indicated torque. Other methods for cylinder
pressure reconstruction have been investigated in [27–29]. The in-cylinder pressure reconstruction was based
on the harmonic analysis of the pressure waveform.
In [30], an algorithm which deﬁnes a new symbolic index is investigated. The index represents the nth
component of the instantaneous engine speed where again n corresponds to the number of cylinders of the
engine. The relationship between the symbolic index and the mean effective torque is
T l ¼ k  N  ½NðnÞ  N 0 ðnÞ,

(10)

where k, N, N(n), and N0(n) correspond to a constant, mean engine speed, symbolic index, and symbolic index
at idle conditions, respectively. The symbolic index at idle conditions is given by
N 0 ðZÞ / C 1

1
þ C 2  C 3 N,
N

(11)

where C1, C2, and C3 are constants.
1.2. Objective and paper outline
The torque estimation techniques detailed in Section 1.1 have two unifying commonalities: estimation
robustness and computation simplicity necessary for real-time estimation. Proposed is a real-time
methodology similar to [24] which correlates engine brake torque to crankshaft angular velocity information.
This investigation considers both steady-state and transient conditions, and proposes an estimation model that
can be executed in real-time. The objective is to develop a real-time torque estimation model that is accurate
within 5% of the engine rated torque for both the decoupled and coupled stage.
The remainder of this paper is outlined as follows. In Section 2 the computational engine model is
summarized. Section 3 introduces the main results of the paper where steady-state and transient torque
estimation models are developed. The complete real-time engine brake torque estimation model is also

Fig. 2. Lumped parameter crank assembly model.
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Fig. 3. Instantaneous speed signal for healthy engine at 800 rpm. (a) Simulation, (b) experimental.
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provided in this section along with model validation. In Section 4, compensation for inertial changes is
reviewed. The concluding remarks are given in Section 5.
2. Computational engine model
To validate the proposed engine brake torque estimation model, a computational engine model calibrated
on real engine data is developed. This model involves an in-cylinder pressure model which serves as an input to
a mass-elastic engine model and is executed in the crank-angle domain [31]. The output is the engine speed
signature that results from torque pulses exerted on the crankshaft due to the cylinder ﬁring events. To verify
the computational engine model, a comparison of this model with engine data obtained from a dynamometer
test cell will be provided.

Fig. 4. Frequency content for healthy engine at 800 rpm. (a) Simulation, (b) experimental.
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There are two basic subsystems to the computational engine model: an in-cylinder pressure model and a
mass-elastic model for the crank assembly. The in-cylinder pressure model is
dp
p dV g  1 dQn
¼ g
þ
,
dt
V dt
V dt

(12)

where p, V, and g are the in-cylinder pressure, cylinder volume, and speciﬁc heat ratio, respectively [32]. This
equation is based on the ﬁrst law of thermodynamics, the ideal gas law, and assumes that the gas mass remains
constant. Validation of Eq. (12) with test cell data for a 6-cylinder heavy duty diesel engine at an average speed
of 1600 rpm with 2440 N m of load was performed. For this simulation it is assumed that during the gas
exchange period of the intake and exhaust strokes the in-cylinder pressure is equal to the manifold pressure.
The crank assembly model is developed using the lumped parameter model in Fig. 2. The lumped parameters
are harmonic damper ﬂoating ring, harmonic damper housing, gear-train, engine cylinders, and ﬂywheel.

Fig. 5. Frequency spectrum for case with cylinder fault. (a) Simulation, (b) experimental.
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The assumptions for the mass-elastic engine crank assembly model include:
The viscous damping, Bd, is locally linear while the stiffness is neglected.
Crank assembly inertias, Ji’s, are concentrated at discrete locations.
The structural damping is locally linear.
The stiffness between each element, Ki, is locally linear.
The damping values due to rubbing friction, Bi’s, are locally linear and will be obtained from experimental
data.
(6) The accessory load torque and the load torque are applied at the harmonic damper and ﬂywheel,
respectively.

(1)
(2)
(3)
(4)
(5)

The subscripts f, d, g, 1–6, and fw correspond to the ﬂoating ring, damper housing, gear-train, cylinders 1–6,
and ﬂywheel elements, respectively. The parameter values for Bd, Ji’s, and Ki’s were provided by Cummins
Incorporated while the Bi’s were calibrated using numerical simulations. The accessory torque and the load
torque are inputs to the model. The equations of motion using Newton’s Second Law for the lumped
parameter crank assembly model in the crank-angle domain are as outlined in [33]. The indicated torque, T im ,
and the reciprocating torque, T rm , are given by
and

T im ¼ aApiston pm ðyÞf 1 ðym Þ,

(13)

h
i
2
T rm ¼ M eq a2 f 1 ðyÞ f 1 ðyÞy€ þ f 2 ðyÞy_ ,

(14)

Fig. 6. M6 as a function of mean engine speed and load. M6 is extracted using the signal processing technique discussed in Section 3.1.1.
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where the cylinder pressure, pm, is calculated as deﬁned in Eq. (12). The functions f1(y) and f2(y) are based on
the crank-angle geometry
s sinð2yÞ
f 1 ðyÞ ¼ sinðyÞ þ qﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ ,
2 1  s2 sin2 ðyÞ

(15)

Fig. 7. Steady-state model selection surface.

Table 1
Steady-state torque model summary
Number

Regressor, xi

Coefﬁcients un-scaled, bi

Coefﬁcients scaled, bi+

1
2
3
4
5
6
7
8
9
10
11
12
13
14
15

N4  M26
N  M46
N4
N
N2  M6
N2  M46
N2
N3  M6
N3  M46
N4  M6
M6
N3  M26
N2  M26
N  M26
M46

1.5479  1011
9.5825  107
2.0604  1010
6.4723
0.0004219
1.4452  108
0.0041974
1.3958  107
9.7296  1012
2.1461  1011
82.568
5.1892  108
4.7408  105
0.011413
0.0030285

1547.9
9.5825
206.04
6472.3
4219
144.52
4197.4
1395.8
97.296
214.61
825.68
5189.2
4740.8
1141.3
30.285
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and
cos ð2yÞ
sin2 ð2yÞ
f 2 ðyÞ ¼ s qﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ þ s3 qﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃﬃ þ cos ðyÞ,
1  s2 sin2 ðyÞ
4 ð1  s2 sin2 ðyÞÞ3

(16)

where s ¼ a/l. Here a denotes the crank radius and l the connecting rod length. A transformation of these
equations from time domain to the crank-angle domain is given in Ref. [33].
To validate the engine model, comparisons between simulated and measured engine speed are provided. The
computational engine model is calibrated for a 6-cylinder heavy duty diesel engine while the test cell engine is a
6-cylinder medium duty diesel engine (a 1997, 269 hp B-series engine). Illustrated in Fig. 3 are the measured
and simulated engine speed signatures for a mean engine speed of 800 rpm. The sixth component (i.e. ﬁring
frequency) is evident and expected since the engine is a 6 cylinder. Note that the abscissa is in units of engine
cycles and not time. The absolute values for the amplitudes are irrelevant for this comparison since the engines
are of different platforms. The focus here is to determine whether the modeled engine speed signature captures
the real engine speed signature. A comparison of the spectral content of the two engine speed signals are
shown in Fig. 4. Ensuring that the frequency contents of these two signals are comparable is important since it
is from these harmonics that the proposed algorithm is based and evaluated.
Another important validation is a cylinder fault scenario. The fuel for one cylinder was decreased by 25% at
a mean engine speed of 800 rpm. Illustrated in Fig. 5 is a comparison of the spectral content for the simulation
and experimental data.
Spectral content within the frequency range between 1 and 5 periods per engine cycle are more noticeable in
the case where a power imbalance exists. The existence of these lower frequencies is a good indication of
cylinder faults which may be used for diagnostic purposes as proposed in [33]. Numerous works investigated
the use of this lower frequency content for diagnostics [34–40].

Fig. 8. Frequency distribution plot of percent rated error.
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3. Main results
Presented in this section is the proposed real-time engine brake torque estimation model. The premise
of the model is that engine brake torque causes repeatable crankshaft dynamics when viewed in the
spatial domain [33]. To demonstrate this relationship, the fast Fourier transform (FFT) of simulated
engine speed signatures for a 6-cylinder engine was calculated for various engine loads and engine
speeds. For each sampled condition, data were taken at 72 samples/engine cycle and a record length
of 15 engine cycles. Letting the magnitude of the engine speed signal FFT at 6-periods per engine
cycle be denoted as M6, it is shown in Fig. 6 that M6 increases in magnitude as engine load increases
for a constant mean engine speed. Also shown in Fig. 6 is that the magnitude of M6 decreases as
mean engine speed increases for a given engine load. Note that the inertia torque dominates at high
engine speeds as opposed to the combustion torque dominating at low engine speeds [41]. This is seen
in Eq. (14), where the last term contains the engine speed squared term hence becoming dominant at high
speeds.
Based on Fig. 6, mean engine speed information and M6 (the magnitude of the engine speed signal
FFT at the engine ﬁring frequency) for a 6-cylinder engine are both sufﬁcient for engine brake torque
estimation. The proposed model will be executed in the crank-angle domain to provide robustness
to the estimates with respect to speed wheel manufacturing tolerances, road noise due to terrain bumps,
and other unanticipated events that are not synchronized with the engine cycle. To realize this model,
real-time calculations of both mean engine speed and M6 will be addressed using notch ﬁlters executed
in the crank-angle domain. These estimates will then be used to estimate both steady-state and transient engine
brake torque.

Fig. 9. Torque estimation during speed transient with 0 load and 136 N m of accessory loads. (a) Speed (rpm), (b) torque (N m).
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3.1. Recovering frequency information in real-time
To extract Mn (the magnitude of the FFT at frequency fn) from instantaneous engine speed, an inﬁnite
impulse response (IIR) notch ﬁlter is used. The advantage for using this ﬁlter over a ﬁnite impulse response
(FIR) notch ﬁlter is the nearly zero phase shift for IIR ﬁlters at frequencies other than the one of interest. The
general notch ﬁlter is
H m ðzy Þ ¼ K m

2
1  2  cos ð2pm=f s Þ  z1
y þ zy
,
1
1  2  r  cos ð2pm=f s Þ  zy þ r2  z2
y

(17)

where r ¼ 0.99 (for a ﬁlter settling time within ﬁve engine cycles), Km is used to give the ﬁlter static unity gain,
fs is the number of sample per engine cycle, and m 2 I þ=ðf s =2þ1Þ . When the independent variable is synchronized
with the engine cycle, fs will be an even number since there are two engine crankshaft revolutions per one
engine cycle.
Using Eq. (17), the ﬁlter used to calculate M6 for a 6-cylinder engine at ﬁring frequency f6 (in units of events
per engine cycle) is


2
1  2  cos ð12 p=f s Þ  z1
y þ zy
F6 ¼ 1  K6
.
(18)
2
2
1  2  r  cos ð12 p=f s Þ  z1
y þ r  zy
Note that the variable zy above represents the discrete z-transform in the crank-angle domain.
This notch ﬁlter, or bandstop ﬁlter, is typically used in discrete-time signal processes and is documented
in [42].

Fig. 10. Error and percent rated error for 0 load and 136 N m accessory load. (a) Error (N m), (b) percent rated error.
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To recover a mean engine speed estimate, a series of crank-angle domain notch ﬁlters will be used. Using
Eq. (17), a notch can be placed at every integer multiple of the fundamental frequency (one event per engine
cycle)
F 0 ðzy Þ ¼ 1 

fY
s =2

H m ðzy Þ.

(19)

m¼1

Instantaneous engine speed signals processed through these notch ﬁlters recover a ﬁltered speed which no
longer exhibits variations due to the torsionals—only the mean engine speed. Of course, the mean engine speed
signal determined from this process is signiﬁcantly different than that obtained from a low pass ﬁlter only
during transient conditions.
3.2. Real-time brake torque estimation models
In Fig. 6, it was demonstrated that for a 6-cylinder engine M6 and mean engine speed correlate to engine
brake torque. In the following subsections, steady-state and transient engine brake torque estimation models
will be developed so that engine brake torque can be estimated.
3.2.1. Steady-state engine brake torque estimation model
This steady-state model will be developed using orthogonal least-squares estimator algorithm, denoted as
OLS [43]. A 190 test points are used to discretize the engine operation envelope and will be used for the model
identiﬁcation process. Points outside the standard engine torque–speed curve were also considered for model
completeness.

Fig. 11. Torque estimation for transient load at 1400 rpm. (a) Speed (rpm), (b) load (N m).
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To identify the steady-state model, maximum absolute error deﬁned as


jerrorjmax ¼ maxT ssi  T Li ; i ¼ 1; . . . ; 190

353

(20)

was calculated as a function of model order (maximum powers) and number of regressors for the
190 test points. In Eq. (20), Tss and TL correspond to the steady-state torque estimate and measured
load torque, respectively, for operating condition ‘‘i’’. As shown in Fig. 7, there are trade-offs between
model order and number of regressors with prediction accuracy. Based on Fig. 7, a fourth order
model with 15 regressors was selected. A summary of the regressors identiﬁed from the OLS is given in
Table 1.
Also included in the table are the scaled coefﬁcients. It is generally difﬁcult to directly compare
the regression coefﬁcients bi because the coefﬁcients reﬂect the units of measure of the corresponding
regressor. It is therefore helpful to work with regression coefﬁcients that are normalized. The coefﬁcients
were scaled by using a scaling factor of N* ¼ 1000 rpm and M*6 ¼ 10 rpm since the order of magnitude
for each of these variables is within that range. For example, the ﬁrst coefﬁcient was scaled in Table 1 by the
following:
bþ
1 ¼ b1 



1
Nn

4  2
1

,
M n6

where the ‘+’ denotes scaled.

Fig. 12. Error and percent rated error for transient load at 1400 rpm. (a) Error (N m), (b) percent rated error.

(21)
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Based on the above steady-state torque model, a mean value absolute error of 0.52% with a standard
deviation of 0.52% was obtained. Shown in Fig. 8 is a distribution plot of rated percent error deﬁned by
% Rated error ¼

T ss  T L
 100,
T rated

(22)

where Trated correspond to the engine rated torque.
3.2.2. Steady-state torque estimation model validation
Two validation cases will be presented in this section. The ﬁrst case involves an engine speed change at
constant engine load and the second will be an engine load change for a ﬁxed engine speed.
For the constant load case, the engine is subjected to a 136 N m accessory load. The reference engine speed is
shown in Fig. 9.
During steady-state conditions, the torque model estimates accessory loads within 2% engine rated torque.
During the speed transients, the torque estimation error increases which indicates that this model does not
sufﬁce in estimating torque during transient conditions. Owing to ﬁlter transients and zero initial conditions
on the ﬁlter, the initial ﬁlter information is erroneous. This will be the case for all of the simulations presented
here forth. The error and percent rated error is illustrated in Fig. 10. The percent rated error is within 72%.
For the case of constant engine speed, the engine is maintained at 1400 rpm while the engine load was varied
from 1085 N m down to 0 N m and back to 1085 N m (see Fig. 11).
Again the error and percent rated error are plotted in Fig. 12. In this case the steady-state error is slightly
greater than in the previous condition but yet still under 72% rated error. The error during transient
conditions is now more noticeable in comparison to Fig. 10.

Fig. 13. Error and percent rated error for the speed transient conditions. (a) Error (N m), (b) percent rated error.
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3.2.3. Transient engine brake torque estimation model
The identiﬁed steady-state engine brake torque estimation model is only valid for cases where the net engine
crankshaft acceleration is zero. For cases where inertia torque cannot be assumed negligible, a transient model
must be considered.
Using the steady-state torque estimate Tss and M6, a transient engine brake torque estimation model will be
identiﬁed. From Section 3.2.1, a steady-state model was developed that predicted the steady-state torque,
denoted as Tss, within 2% of the actual torque, denoted as TL. Therefore, the transient engine brake torque
estimation model, denoted as TTrans, must not contribute to the steady-state estimates which is equivalent to
requiring the transient torque model to have a zero DC gain, i.e. a free differentiator. The proposed engine
brake torque estimation model is
_
T Trans ¼ k1 T_ ss þ k2 N.

(23)

The structure of the transient engine brake torque estimation model can be partially justiﬁed based on the
physics of the engine process. Consider the case when engine acceleration is nonzero. For constant engine
torque load conditions, deviations in engine speed can be captured using Newton’s Second law
 
d dy
€
_
T inertia ¼ I y ¼ I
¼ I  N,
dt dt
where I is the mass moment of inertia, N is the mean engine speed and Tinertia is the inertial torque. This
accounts for the derivative of mean engine speed in Eq. (23). To verify the remaining term in Eq. (23),
nonparametric system identiﬁcation (frequency response functions, FRFs) is applied similar to that in [44].

Fig. 14. Error and percent rated error for load transient conditions. (a) Error (N m), (b) percent rated error.
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To identify the structure of the model relating Tss to the transient torque, deﬁne the following FRF
G1 ð f Þ ¼

S T ss T Trans ðf Þ
,
S T ss T ss ðf Þ

(25)

where f is the frequency in periods/engine cycle, S T ss T Trans ðf Þ is the cross spectrum and ST ss T ss ðf Þ is the
autospectrum for constant engine speed. A load input consisting of a swept sine wave with a frequencies
ranging from 0.001 to 1 periods/engine cycle was used as an input signal and the engine speed reference was set
to 1400 rpm. Accessory loads were set to zero and Tss was calculated as deﬁned in Table 1. The data were
taken at a sampling frequency of 6 samples/engine cycle for 10,000 engine cycles, segmented to 213 points with
a Hanning window, and averaged with 75% overlap with no zero padding. The resulting FRF had a high
coherence (above 0.95) within the frequency range 0.02–1 periods/engine cycle. Within that frequency range,
the FRF had a positive 20 dB/decade slope which corresponds to a differentiator thus justifying the remaining
free differentiator in Eq. (23).
Identiﬁcation of the two unknown coefﬁcients in Eq. (23), the following least-squares problem is
formulated:
_
T L ¼ T ss þ k1 T_ ss þ k2 N.

(26)

Using the same data as for the identiﬁed FRF in Eq. (25) gives k1 ¼ 3.48 and k2 ¼ 9.52. The ﬁnal load
torque estimation model is
_
T Estimate
¼ T ss þ 3:48T_ ss  9:52N.
Load

(27)

Fig. 15. Error and percent rated error for load transient conditions and white noise in the engine speed signal. (a) Error (N m), (b) percent
rated error.
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For Eq. (27) to be causal, a fourth order Butterworth ﬁlter was used. The cutoff frequency, oc, was set to 1
period/engine cycle. This value was chosen since the engine load and speed does not ﬂuctuate at any higher
frequencies owing to control limitations such as governor design. This value is comparable to those used in the
literature [44].

3.3. Engine brake torque estimation model
The complete engine brake torque estimation model is

1559  ð3:48  sy þ 1Þ
T Estimate
¼
 T ss
Load
s4y þ 16:42s3y þ 134:8s2y þ 648:2sy þ 1559

14837  sy
 4

N
.
sy þ 16:42s3y þ 134:8s2y þ 648:2sy þ 1559

ð28Þ

Validation of this model will be performed for the same conditions used for the steady-state model. For
convenience, the steady-state model results were superimposed. An improvement in torque estimation of
approximately 14 N-m is made using the transient compensator during the speed transients in Fig. 13.
Similarly, the same comparison was made for the load transient case. The corresponding error and percent
error are illustrated in Fig. 14. As expected, the transient compensator reduces the estimation error during the
speed and load transients. Note that the rated error was greater than 2% for the steady-state torque estimator
during the load ramp down phase. On the other hand, including the transient compensator allowed to be well
below 2% rated error.

Fig. 16. Error and percent rated error for engine with 15% cylinder fault in one cylinder. (a) Error (N m), (b) percent rated error.
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To illustrate the robustness of the model developed, band-limited white noise was added to the engine speed
signal. The error and percent rate error are shown in Fig. 15. Even with the addition of noise to the engine
speed signal, the torque estimation model falls within 2% of engine rated torque. Note, the noise signal used
here is uncorrelated to the engine speed signal.
Next a cylinder fault scenario (low power) was considered. In Section 2 it was demonstrated that when a
cylinder fault exists, lower frequency component becomes present in the frequency spectrum of the engine
speed signal. This lower frequency content essentially corrupts the engine speed signature which in turn
reduces the size of M6 for a 6-cylinder engine. A fueling fault of 15% was introduced to the ﬁrst cylinder. The
corresponding estimation and percent estimation error plots are given in Fig. 16.
From Fig. 16 the load estimate is biased by approximately 61 N m. Note that for a 15% fueling error in one
cylinder, the engine speed has a low frequency lope due to the governor in-the-loop interaction for engine
speed reference tracking. The amplitude M6 is correspondingly reduced thereby eroding the accuracy of
derivatives for Tss and N. This smaller value of M6 leads to a torque estimation that is lower than the actual
engine torque as seen in Fig. 16.
It is noted that M6 decreases, in the case of an under-fueling, during an engine cylinder fault which
translates into a bias error in the ﬁnal load torque estimate. To further illustrate this, the cylinder fault is now
decreased to 5%. For this case, the engine speed signature is expected to oscillate less because now the other
cylinders do not have to make up for much of the loss of power. Hence M6 in essence remains the same in
comparison to the healthy engine (Fig. 17).
Referring to Fig. 5, power imbalances in an engine produce a spreading of the crankshaft vibrations to
integer frequencies below the engine ﬁring frequency. The robustness of the engine torque estimation model to
cylinder power imbalances can be achieved if those frequencies are included in the steady-state torque

Fig. 17. Error and percent rated error for engine with 5% cylinder fault in one cylinder. (a) Error (N m), (b) percent rated error.
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estimation model. However, with the robustness there comes an increase in complexity and additional
calibration. Since a low frequency lope in engine speed produced from a cylinder power imbalance is
unacceptable from an engine performance perspective, adding these additional frequencies was not done.
4. Inertia compensation
A method for compensating for different engine to engine inertia is provided. The above torque estimation
model is based on a particular engine hence the model will not necessarily apply for other engines of the same
platform having different inertias. An example of such is a class of engines with different ﬂywheels. An
increase in ﬂywheel inertia inﬂuences the amplitude of the sixth component which in turn inﬂuences the model
torque estimate.
A method to compensate for different inertia is to introduce a gain to the M6 component thereby avoiding
the recalibration of the entire steady-state model coefﬁcients described in Table 1. The gain represents the
fraction that M6 at the same engine speed and load would need to change in order to obtain the same load
estimate for different inertias. To illustrate, the ﬂywheel inertia was changed in increments of 25% from 25%
to +75% at a constant engine speed and load. A linear correlation was found and is of the form of


M 06 ¼ 5:98  103 DJ % þ 1  M 6 ,
(29)
where DJ% represents the percent change in engine inertia. In addition, the transient model requires
compensation. The gain, k2, in Eq. (26) can be adjusted by
k02 ¼ 

k2
,
5:98  103 DJ % þ 1

(30)

where the prime indicates adjusted due the change in inertia. Linking the gain k0 2 in Eq. (30) to engine
parameters such as inertia is an active research topic.
5. Conclusion
Presented is a real-time engine brake torque estimation model whose input is the instantaneous engine
speed. This model is separated into steady-state and transient torque estimations. From the instantaneous
engine speed signal, both the crankshaft torsionals due to the power stroke and mean engine speed were
estimated in real-time. It was shown that the crankshaft torsionals due to the combustion event contains the
engine brake torque information at steady-state engine speeds. During transient conditions, derivatives of the
mean engine speed and the steady-state model output are needed to estimate overall engine brake torque.
Validation of the engine brake torque estimation model in Eq. (28) showed that the model was able to estimate
torque within 72% of rated torque. Robustness tests were made with noise and also for an engine with
cylinder fueling imbalances. The model was observed to remain within 2% of engine rated torque in cases with
measurement noise and for engines with minor cylinder imbalances. The torque estimation model was shown
to be sensitive to high cylinder power imbalances. For our model, a 15% low single cylinder power condition
produced a torque estimate that was low by 61 N m at steady-state conditions. This low estimation error is a
result of a decrease in M6 since the crankshaft vibration content spreads to the integer frequencies below the
ﬁring frequency. Also included is a method to adapt for engine to engine inertia variation.
References
[1]
[2]
[3]
[4]

M. Pettersson, L. Nielsen, Gear shifting by engine control, IEEE Transactions on Control Systems Technology 8 (3) (2000) 495–507.
N. Amano, Method of calculating engine torque, US Patent Number 6,704,639, March 2004.
A.C. Lack. Engine torque calculation, US Patent Number 6,584,391, June 2003.
M. Livshiz, J.R. Dulzo, O. Matthews, D.L. Dibble, A.E. Spitza Jr, and S.J. Chynoweth, Torque estimator for engine RPM and
torque control, US Patent Number 6,704,638, March 2004.
[5] M. Livshiz, D.J. Sanvido, Torque estimation for engine speed control, US Patent Number 5,577,474, November 1996.
[6] R.D. Lorenz, R.I. Davis, Observer for engine crankshaft torque, US Patent Number 6,714,852, March 2004.

ARTICLE IN PRESS
360

J. Franco et al. / Mechanical Systems and Signal Processing 22 (2008) 338–361

[7] P. Falcone, G. Fiengo, L. Glielmo. Non-linear net engine torque estimator, in: Conference Paper: IFAC Symposium on Advances in
Automotive Control, Salerno, Italy, April 2004.
[8] I. Haskara, L. Mianzo, Real-time cylinder pressure and indicated torque estimation via second order sliding modes, in: Proceedings of
the American Control Conference, vol. 5, pp. 3324-3328, 2001.
[9] G. Rizzoni, S. Drakunov, Y.-Y. Wang, On-line estimation of indicated torque in IC engine via sliding mode observers.in: Proceedings
of the American Control Conference, vol. 3, pp 2123–2127, June 1995.
[10] Y.-Y. Wang, V. Krishnaswani, G. Rizzoni, Even-based estimation of indicated torque for IC engines using sliding-mode observers,,
Control Engineering Practice 5 (8) (1997) 1123–1129.
[11] J. Chauvin, G. Corde, P. Moulin, M. Castagne, N. Petit, P. Rouchon. Real-time combustion torque estimation on a diesel engine test
bench using time-varying Kalman ﬁltering, in: 43rd IEEE Conference on Decision and Control, Atlantis, Paradise Island, Bahamas,
December 2004.
[12] J. Deur, D. Pavkovic, D. Hrovart, Estimation of SI engine load torque: adaptive Kalman ﬁlter vs. Luenberger estimator, in: ASME
International Mechanical Engineering Congress & Exposition, Anaheim, CA, November 2004.
[13] S. Gineoux, J.C. Champoussin. Engine torque determination by crankangle measurements: state of the art, future prospects, SAE
Technical Paper 970532, 1997.
[14] X.D. Chen, M. Roskilly, A crank angular velocity based method for engine IMEP measurement for idle quality investigation and
adaptive ignition time trimming to improve quality, SAE Technical Paper 1999-01-0855, 1999.
[15] S.J. Citron, On-line engine torque and torque ﬂuctuation measurement for engine control utilizing crankshaft speed ﬂuctuations, US
Patent Number 4,697,561, October 1997.
[16] S.J. Citron and J.E. O’Higgins, Cylinder-by-cylinder engine pressure and pressure torque waveform determination utilizing
crankshaft speed ﬂuctuations, US Patent Number 4,843,870, July 1989.
[17] W. Langer, Method for determining the torque developed by an internal combustion engine, US Patent Number 6,401,527, June
2002.
[18] G. Rizzoni, Estimation of instantaneous indicated torque in multicylinder engines, US Patent Number 5,771,482, June 1998.
[19] A. Rossignol, M. Suquet, Method for calculating the torque of an internal combustion engine, US Patent Number 6,029,109,
February 2000.
[20] P.M. Azzoni, G. Serra, R. Flora, G. Minelli, D. Moro, Indicated and load torque estimation using crankshaft angular velocity
measurements, SAE Technical Paper 1999-01-0543, 1999.
[21] E. Corti, D. Moro, On-board indicated pressure and torque estimation in engines with a high number of cylinders, American Society
of Mechanical Engineers, Internal Combustion Engine Division 37 (3) (2001) 115–124.
[22] N. Cavina, F. Ponti, G. Rizzoni, Fast algorithm for on-board torque estimation, SAE Technical Paper 1999-01-0541, 1999.
[23] J.K. Ball, M.J. Bowe, C.R. Stone, P.D. McFadden, Torque estimation and misﬁre detection using block angular acceleration, SAE
Technical Paper, 2000-01-0560, 2000.
[24] B. Lee, G. Rizzoni, Y. Guezennec, A. Soliman, M. Cavalletti, and J. Waters, ‘‘Engine control using torque estimation, SAE Technical
Paper 2001-01-0995, 2001.
[25] G. Rizzoni, Y. Guezennec, A. Soliman, B. Lee, Engine control using torque estimation, US Patent Number 6,866,024, March 2005.
[26] J. Williams. Cylinder torque estimation using crankshaft angular response measurements, US Patent Number 6,223,120, April 2001.
[27] D. Moro, N. Cavina, F. Ponti, In-cylinder pressure reconstruction based on instantaneous engine speed signal, Journal of
Engineering for Gas Turbines and Power 124 (2002) 220–225.
[28] K. Tsuchiya, K. Nagashima, A calculation method for indicated mean effective pressure based on harmonic analysis of pressure
waveform, International Journal of Engine Research 4 (2) (2003) 87–101.
[29] P. Zeng, D.N. Assanis, Cylinder pressure reconstruction and its application to heat transfer analysis, SAE Technical Paper,
2004-01-0922, 2004.
[30] L. Jianqiu, Y. Minggao, Z. Ming, and L. Xihao, Advanced torque estimation and control algorithm of diesel engines, SAE Technical
Paper 2002-01-0198, 2002.
[31] Y-K. Chin and F.E. Coats, Engine dynamics: time-based versus crank-angle based, SAE Technical Paper 860412, 1986.
[32] P. Falcone, M. Carmela De Gennaro, G. Fiengo, L. Glielmo, S. Santini, P. Langthaler, Torque generation model for diesel engine, in:
Proceedings of the 42nd IEEE, Conference on Decision and Control, Maui, Hawaii, December 2003.
[33] M. Geveci, A.W. Osburn, M.A. Franchek, An investigation of crankshaft oscillations for cylinder health diagnostics, Mechanical
Systems and Signal Processing 19 (5) (2005) 1107–1134.
[34] N. Cavina, F. Ponti, Engine torque nonuniformity evaluation using instantaneous crankshaft speed signals, Journal of Engineering
for Gas Turbines and Power 125 (4) (2003) 1050–1058.
[35] N. Cavina, Multiple misﬁre: detection and cylinder isolation based on engine speed measurement, American Society of Mechanical
Engineers, Internal Combustion Engine Division 40 (2003) 339–347.
[36] F.T. Connolly, G. Rizzoni, Real time estimation of engine torque for the detection of engine misﬁres, Journal of Dynamic System,
Measurement and Control, Transactions of the ASME 116 (4) (1994) 675–686.
[37] G.F. Mauer, On-line cylinder fault diagnostics for internal combustion engines, IEEE Transactions on Industrial Electronics 37 (3)
(1990) 221–226.
[38] D. Taraza, N.A. Henein, W Bryzik, The frequency analysis of the crankshaft’s speed variation: a reliable tool for diesel engine
diagnosis,, Journal of Engineering for Gas Turbines and Power 123 (2) (2001) 428–432.
[39] J. Williams, An overview of misﬁring cylinder engine diagnostic techniques based on crankshaft angular velocity measurements, SAE
Technical Paper 960039, 1996.

ARTICLE IN PRESS
J. Franco et al. / Mechanical Systems and Signal Processing 22 (2008) 338–361

361

[40] J. Yang, L. Pu, Z. Wang, Y. Zhou, X. Yan, Fault detection in a diesel engine by analyzing the instantaneous angular speed,
Mechanical Systems and Signal Processing 15 (3) (2001) 549–564.
[41] J.J. Moskwa, W. Wang, D.J. Bucheger, New methodology for engine diagnostics and control utilizing ‘synthetic’ engine variables:
theoretical and experimental results, American Society of Mechanical Engineers, Dynamic Systems and Control Division 64 (1998)
743–752.
[42] A.V. Oppenheim, R.W. Shafer, Discrete-time signal processing, Prentice-Hall Inc., Englewood Cliffs, NJ, 1989.
[43] S.A. Billings, M.J. Korenberg, S. Chen, Identiﬁcation of non-linear output-afﬁne systems using orthogonal least-square algorithm,
International Journal of Systems Science 19 (8) (1988) 1559–1568.
[44] M.A. Franchek, J. Mohrfeld, and A. Osburn. Systematic feedforward transient fueling controller identiﬁcation for internal
combustion engines, in: ASME International Mechanical Engineering Congress and Exposition, Orlando, FL, November 2005.

